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Abstract: Noise radiation is of importance for the performance of centrifugal pumps. Aiming at
exploring noise radiation patterns of a typical centrifugal pump at different flow rates,
a three-dimensional unsteady hydro/aero acoustic model with large eddy simulation (LES) closure
is developed. Specifically, the Ffowcs Williams-Hawkings model (FW-H) is employed to predict
noise generation by the impeller and volute. The simulated flow fields reveal that the interactions
of the blades with the volute induce root mean square (RMS) pressure and further lead to noise
radiation. Moreover, it is found that the profiles of total sound pressure level (TSPL) regarding the
directivity field for the impeller-generated noise demonstrate a typical dipole characteristic behavior,
whereas strictly the volute-generated noise exhibits an apparently asymmetric behavior. Additionally,
the design operation (Here, 1 Q represents the design operation) generates the lowest TSPL vis-a-vis
the off-design operations for all the flow rates studied. In general, as the flow rates decrease from 1 Q
to 0.25 Q, TSPL initially increases significantly before 0.75 Q and then levels off afterwards. A similar
trend appears for cases having the larger flow rates (1–1.25 Q). The TSPL deviates with the radiation
directivity and the maximum is about 50%. It is also found that TSPL by the volute and the blades
can reach ~87 dB and ~70 dB at most, respectively. The study may offer a priori guidance for the
experimental set up and the actual design layout.

Keywords: centrifugal pump; 3D flow field; varying flow rate; impeller and volute radiation noise;
total sound pressure level (TSPL)

1. Introduction

Centrifugal pumps as turbomachinery components have been extensively used to transport fluids
by converting the rotational kinetic energy consumed to the hydrodynamic energy of the flow [1].
In general, the centrifugal pump routinely operates under various conditions imposed via different
operational requirements; hence, a wide frequency range regarding the noise radiation typically occurs
and needs to be managed. It has been realized that the noise generation within a centrifugal pump
can significantly degrade the pump performance, shift the working point away from the optimal
design, reduce the pump efficiency, and further consume extra external energy [2]. In addition, it may
give rise to some issues such as safety and reliability. Therefore, it is extremely important to have
a better understanding of the hydro/aero acoustics behavior of centrifugal pumps to incorporate in
comprehensive pump designs.
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In the past, considerable research has been carried out both experimentally and numerically
in terms of noise generation in centrifugal pumps. It is generally assumed that the noise sources
in the pump mainly comprise of mechanical, (structure borne) noise and flow-induced noise [3].
Choi et al. [4] reported that the noise generation is caused by the large scale flow field instability in
a pump impeller. Recently, computational fluid dynamics (CFD) were widely used to elucidate and
predict the hydro/aero acoustic generation [5,6]. Chu et al. [7,8] numerically studied a centrifugal
pump and reported that the vibration and radiation of noise is mainly determined by the unsteady
flow characteristics in centrifugal pumps, which made a great contribution to settle flow-induced
noise by CFD methods. More recently, Langthjem et al. [9,10] employed Lighthill's acoustic analogy
to predict the radiation of noise for a centrifugal pump based on the 2D flow field. Kato et al. [11,12]
reported pressure fluctuation levels on the volute wall using large eddy simulation (LES) in a finite
element formulation. Huang [13] also performed numerical simulations on a centrifugal pump via
LES and the Ffowcs Williams-Hawkings (FW-H) acoustic model to study the influence of different
blade shapes on the efficiency of noise radiation in a centrifugal pump.

Notwithstanding, all the above previous studies concerned radiation of noise in centrifugal
pumps, most authors regarded the centrifugal pump as an all-encompassing composite source of
sound. However, in this paper, attention is first focused specifically on noise generation by the
impeller and/or the volute to map out individual/separate contributions and interactions via each
source. In addition, it is rather practical and common for pumps to work with varying flow rates,
thus, further emphasis has been put on elucidating the changing rules of radiation noise from both
impeller and volute with varying flow rates. To that end a numerical model incorporating LES
in conjunction with the FW-H approach in a finite volume environment (FLUENT) is developed.
Detailed comparisons with experimental/analytical results on a 2D/3D case are performed to validate
the model. The instantaneous flow fields on the blade and volute surfaces are discussed in detail
to highlight the nature of the field profiles for the total sound pressure level (TSPL, defined using
Eqation (8)) obtained to quantitatively reveal the noise distribution induced by different sound sources
at varying flow rates.

2. Materials and Methods

2.1. Flow Field Solver

The turbulent flow field within a centrifugal pump is very complex and, in particular, it is
challenging to adequately capture the pressure fluctuations accompanying the flow required in
the acoustic analysis. To carry out hydro/aero acoustics predictions for a centrifugal pump,
three-dimensional transient Navier-Stokes equations are solved for an incompressible fluid using
FLUENT [14]. Large eddy simulation is employed to close the governing equations. In the study,
a widely accepted sub-grid scale, SGS, model is used to compute the SGS Reynolds stress field via:

τij =
1
3

δijτkk − 2νSGSSij, (1)

where:

vSGS = (CS∆)2∣∣S∣∣, ∣∣S∣∣ = √2SijSij, Sij =
1
2
(

∂ui
∂xj

+
∂uj

∂xi
), (2)

where Cs is the Smagorinsky constant, and ∆ is the size of the grid filter.
The governing equations with the LES formulation are discretized using a second-order scheme

for the spatial terms and a second-order implicit scheme for the temporal terms. The pressure implicit
with splitting of operator (PISO) algorithm is used to solve the pressure-velocity coupling equation [15].
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2.2. The Acoustic Submodel

To further capture the noise radiation in a centrifugal pump induced by the inner flow field
encompassing the impellers and/or volute, the FW-H acoustic model is employed, in line with the
built in assumptions that the flow speed is low, noise is primarily produced by the unsteady pressure
field and the chosen noise sources sit in an open region when calculating the level of radiation noise
which means the interaction between solid and fluid is neglected. For this model, it is inherently
required that all the receivers are located far away from the primary sources of sound. Based on the
transient flow simulation discussed above, the FW-H model can be expressed as [16]:

1
a2

0

∂2 p′

∂t2 −∇2 p′ = ∂
∂t{[ρ0νn + ρ(un − νn)]δ( f )} − ∂

∂xi

{[
pijnj + ρui(un − νn)

]
δ( f )

}
+ ∂2

∂xi∂xj

{
TijH( f )

}
, (3)

where p' is the far-field acoustic pressure, a0 is the speed of sound, ρ0 is the reference density of the
fluid, f is the surface, ui and vi are the flow velocity component and the surface velocity component
in the xi direction respectively, un and vn is the flow velocity component and the surface velocity
normal to the surface f respectively, nj is the unit normal vector, δ(f) is Dirac delta function and H(f) is
Heaviside function. Here Tij is the Lighthill stress tensor given by:

Tij = ρuiuj + pij − a2
0(ρ− ρ0)δij, (4)

where pij is the stress tensor expressed as:

pij = pδij − µ
[

∂ui
∂xj

+
∂uj

∂xi
− 2

3
∂uk
xk
δij

]
, (5)

Physically, the three RHS terms appearing in Equation (3) correspond to monopole, dipole,
and quadrupole acoustic sources respectively. In this study, the quadrupole noise source is ignored [17]
in view of the flow having low speed compared with the local acoustic velocity. In addition,
for a well-designed centrifugal pump, the monopole noise source is relatively weak and also neglected.
Thus, the dipole noise induced by the wall surface encompassing the transient flow RMS pressure is
the primary concern in this paper.

Furthermore, according to the GB/T29529-2013 standard [18], the volute and/or impeller wall
surfaces chosen as monitoring stations are employed to study the impeller and/or volute noise
radiation. As shown in Figure 1, the monitoring surface is circular, having a radius of 1000 mm;
24 receivers denoted by P1–P24 are evenly arranged along the surface and, in particular, P1 is placed
strictly towards the volute tongue. A Fourier transformation involving the acoustic signals obtained at
these receivers is applied to extract the relevant acoustic spectra. The sound pressure level (SPL) is
calculated by:

SPL = 20 log10
Pe

Pre f
, dB, (6)

where Pref is the reference sound pressure (=2 × 10−5 Pa in air), and Pe is the effective value of acoustic
pressure defined as:

Pe =

√
1
T

∫ T

0
p′2dt, (7)

To reveal the intensity of noise radiation, it is necessary to derive a temporal intensity profile
involving a superposition of acoustic pressures at each Fourier frequency. In this regard, the TSPL is
introduced and expressed as:

TSPL = 10lg
n

∑
i=1

10SPLi/10, (8)



Energies 2017, 10, 221 4 of 11
Energies 2017, 10, 221 4 of 11 

 

 
Figure 1. Arrangement of receivers outside the centrifugal pump. 

2.3. Numerical Issue Concerning the Set-Up 

In this study, a single-stage single-suction centrifugal pump (media, water) having a medium 
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shown in Figure 2. It should be noted that the practical disk friction losses and leakage losses are 
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system is generated using GAMBIT (2.4.6, Fluent, Inc., New York, NY, USA) [19], as shown in Figure 
3. Considering the complexity of the geometrical layout and the volute tongue, an unstructured grid 
is used for these domains and an appropriate mesh refinement is further applied, whereas, a 
structured mesh is used for the remaining regions. Here, particular attention is paid to the near wall 
regions and the unstructured mesh is automatically refined to have appropriate y+ values (y+ ≈ 1) and 
thus to ensure the requirement of wall-resolved LES for the unsteady calculation [20]. It is observed 
that different levels of mesh refinement may lead to different average y+ values, and when the grid 
number reaches almost 2.5 million (2.5 M) cells, the average y+ values decrease to around 1, as 
shown in Figure 4. With the increase of mesh refinement, the average y+ values gradually reduce. 
With a combining consideration of both the mesh accuracy and the limited computing resources, the 
grid of 2.5 M cells is chosen for the calculation. What is more, it is not difficult to find that the 
average y+ values are correctly consistent with the sizes of the first boundary layer. Therefore, 
different grid systems shown are tested for the required grid-dependency based on the convergence 
pattern for the pump hydraulic head to the designed value (~28 m), as shown in Table 2. To improve 
the prediction accuracy while reducing the attendant computational costs, Grid-C is chosen in the 
study. 
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Figure 1. Arrangement of receivers outside the centrifugal pump.

2.3. Numerical Issue Concerning the Set-Up

In this study, a single-stage single-suction centrifugal pump (media, water) having a medium
specific speed of 112 is selected. Table 1 lists all the geometric and performance parameters. The 3D
computational domain for the simulations comprises of the inlet pipe, impeller, and the volute,
as shown in Figure 2. It should be noted that the practical disk friction losses and leakage losses are
neglected, but an account is taken of the potential backflow at the inlet and outlet. A hybrid mesh
system is generated using GAMBIT (2.4.6, Fluent, Inc., New York, NY, USA) [19], as shown in Figure 3.
Considering the complexity of the geometrical layout and the volute tongue, an unstructured grid is
used for these domains and an appropriate mesh refinement is further applied, whereas, a structured
mesh is used for the remaining regions. Here, particular attention is paid to the near wall regions
and the unstructured mesh is automatically refined to have appropriate y+ values (y+ ≈ 1) and thus
to ensure the requirement of wall-resolved LES for the unsteady calculation [20]. It is observed that
different levels of mesh refinement may lead to different average y+ values, and when the grid number
reaches almost 2.5 million (2.5 M) cells, the average y+ values decrease to around 1, as shown in Figure 4.
With the increase of mesh refinement, the average y+ values gradually reduce. With a combining
consideration of both the mesh accuracy and the limited computing resources, the grid of 2.5 M cells
is chosen for the calculation. What is more, it is not difficult to find that the average y+ values are
correctly consistent with the sizes of the first boundary layer. Therefore, different grid systems shown
are tested for the required grid-dependency based on the convergence pattern for the pump hydraulic
head to the designed value (~28 m), as shown in Table 2. To improve the prediction accuracy while
reducing the attendant computational costs, Grid-C is chosen in the study.

Table 1. Geometric and performance parameters used for a simulated centrifugal pump (water).

Parameter Value Unit

Impeller outlet diameter D2 270 mm
Impeller outlet width D 30 mm

Design flow rate Q 80 m3/h
Design head H 28 m

Design rotational speed n 1450 r/min
Blade number Z 6 1

Axis pass frequency fa (APF) 24.2 Hz
Blade pass frequency fb (BPF) 145 Hz
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Table 2. Grid independent Analysis.

Grid System Grid Number Head (m)
Grid-A 2,012,658 28.82
Grid-B 2,324,567 28.70
Grid-C 2,496,543 28.63
Grid-D 2,676,328 28.62
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For the boundary conditions, a uniform axial velocity profile is imposed at the inlet while ‘outlet’
boundary conditions are adopted at the outlet. All the walls are treated as non-slip boundaries.
The pre-converged steady flow field obtained via the k-ε is adopted as the initial condition for the
subsequent transient wall-resolved LES simulations with a Subgrid-Scale Model of Smagorinsky-Lilly.
The time step is specified by:

∆t =
60
nK

, (9)

where K is the step number in a rotational period of the impeller (=360 in the study), and n is the
rotational speed. With the designed values given in Table 1, ∆t is 1.1494 × 10−4 s in the study.

3. Results and Discussion

3.1. Numerical Validaton

To verify the FW-H model used, a 2D cylinder case was first studied and its computational domain
and the boundary conditions are shown in Figure 5. It should be pointed out that the receiver is placed
at a distance of 1.3 m from the center of the cylinder to accord with the experimental set-up [21].
A constant velocity of 40 m/s is specified at all the inlets, whereas an ambient pressure of 1 atm is
used at the outlet. A structured mesh system of about 90,000 cells is used and the finest cell has
a minimum edge length of 0.005 mm. Figure 6a shows the predicted and measured sound pressure
spectra. As can be seen, the prediction matches rather well with the measurements at the receiver.
Furthermore, the two peak frequencies at 800 Hz and 1500 Hz are adequately captured. Figure 6b
displays the pressure coefficients around the cylinder surface. The simulation displays the overall
trend regarding the pressure coefficient obtained in the experiment with a maximum discrepancy less
than 10%.
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Additionally, the numerical method adopted should also be verified. In terms of the 3D case
shown in Figure 2, the hydraulic head predicted by the numerical model is compared with the nominal
design head for the centrifugal pump. The simulation yields a head of 28.63 m. This prediction
agrees well with the designed valued (28 m) and the relative error of the calculation is less than 2.3%.
The discrepancy is essentially due to the fact that the disk friction losses and leakage losses appearing
in practice are neglected in the simulations. The sound spectra for the receiver 1 in terms of the
design flow rate are also shown in Figure 7. The predicted rotational frequency (APF) and blade pass
frequency (BPF) are 24.1 Hz and 142.3 Hz respectively, very close to the design values of 24.2 Hz and
145 Hz marked in dashed lines. Clearly, the numerical model presented in the paper is able to yield
reasonably accurate predictions on the flow field as well as the noise.

Energies 2017, 10, 221 7 of 11 

 

(a) (b) 

Figure 6. Comparison of numerical predictions with experimental measurements. (a) Sound pressure 
spectra; and (b) pressure coefficient (Cp). 

Additionally, the numerical method adopted should also be verified. In terms of the 3D case 
shown in Figure 2, the hydraulic head predicted by the numerical model is compared with the 
nominal design head for the centrifugal pump. The simulation yields a head of 28.63 m. This 
prediction agrees well with the designed valued (28 m) and the relative error of the calculation is less 
than 2.3%. The discrepancy is essentially due to the fact that the disk friction losses and leakage 
losses appearing in practice are neglected in the simulations. The sound spectra for the receiver 1 in 
terms of the design flow rate are also shown in Figure 7. The predicted rotational frequency (APF) 
and blade pass frequency (BPF) are 24.1 Hz and 142.3 Hz respectively, very close to the design 
values of 24.2 Hz and 145 Hz marked in dashed lines. Clearly, the numerical model presented in the 
paper is able to yield reasonably accurate predictions on the flow field as well as the noise. 

 
Figure 7. The sound spectra of receiver 1. 

3.2. Flow Field 

Throttle governing is a common control mode routinely employed in the operational envelope 
of the centrifugal pump system. By such means installation of the throttle employing valves or 
baffles and adjusting the opening of the throttle can change the local loss and achieve the desired 
goal of throttle governing. In this study, 13 flow rate conditions are studied to analyze the noise 
radiation, including 20 m3/h, 30 m3/h, 40 m3/h, 50 m3/h, 60 m3/h, 70 m3/h, 78 m3/h, 80 m3/h (which is 
the design flow rate), 82 m3/h, 90 m3/h, and 100 m3/h, respectively. 

To elucidate the noise generation by the flow field, an index employing a value of RMS pressure 
field is introduced to provide information for the pressure variations with time step on the wall of 
the impeller and volute, Prms defined by: 

Figure 7. The sound spectra of receiver 1.

3.2. Flow Field

Throttle governing is a common control mode routinely employed in the operational envelope of
the centrifugal pump system. By such means installation of the throttle employing valves or baffles
and adjusting the opening of the throttle can change the local loss and achieve the desired goal of
throttle governing. In this study, 13 flow rate conditions are studied to analyze the noise radiation,
including 20 m3/h, 30 m3/h, 40 m3/h, 50 m3/h, 60 m3/h, 70 m3/h, 78 m3/h, 80 m3/h (which is the
design flow rate), 82 m3/h, 90 m3/h, and 100 m3/h, respectively.

To elucidate the noise generation by the flow field, an index employing a value of RMS pressure
field is introduced to provide information for the pressure variations with time step on the wall of the
impeller and volute, Prms defined by:
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Prms =

√√√√ 1
N

N−1

∑
i=0

[P(t)− P]2, (10)

where P(t) represents the time-dependent static pressure, P is the time-averaged static pressure in
a circulation period (N = 360 in this study).

Figure 8 describes the distribution of RMS values on the surfaces of impeller and volute. When the
flow rate is 0.75 Q, the RMS pressure field primarily resides on the side of inlet, displaying values
much stronger vis-a-vis the opposite side, as is shown in Figure 8a. It can be inferred from such
considerations that while the flow rate is less than the design value, the velocity field distribution
on the impeller is substantially non-uniform, providing for extremely unsteady flow near the inlet
side vis-a-vis the outlet. Thus, the primary reason for the impeller noise is the unsteady flow field
at 0.75 Q. When the flow rate reaches 1 Q, the average RMS is a minimum and the flow field is also
smoothly distributed, especially near the inlet side, yielding the impeller noise under the design flow
rate condition to be substantially lower than other flow rate conditions. Additionally, the RMS pressure
field displays extreme values near both the inlet and the outlet regions under the 1.25 Q flow rate
condition to yield a maximum noise field generated.
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It can also be inferred from a study of the RMS pressure field occurring in the volute at different
flow rates that the resulting acoustic behavior is rather similar to that of the impeller (seen in Figure 8b).
The overall distribution of RMS at the wall of the volute under the three flow rate conditions is that the
RMS values in the diffuser are unmistakably the highest and, near the volute tongue, the fluctuation
field is rather “stiff”, particularly when the fluid is just transported past the tongue to flow into the
volute, implying that the volute tongue is the primary source of the RMS pressure and even the noise.
Although the RMS at 1 Q is smaller than those at other flow rates, the distribution resembles that
under 0.75 Q and 1.25 Q flow rate conditions.
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3.3. Noise Analysis

3.3.1. The Impeller Radiation Noise

The noise generated by the blades is originally studied by defining only the surfaces of the blades
as the sources of sound. The distribution of impeller radiation noise for different flow rates calculated
using the FW-H model is shown in Figure 9. The profiles of TSPL of directivity field shown in Figure 9a
apparently demonstrate the dipole characteristic behavior. It is also found that two TSPL valleys appear
at θ = 75◦ and 270◦, but the weak asymmetric distribution occurs along these two points. Figure 9b
reveals that the design operation (1 Q) generates the smallest TSPL than off-design operations. As the
flow rates decrease from 1 Q to 0.25 Q, the TSPL initially increases significantly before 0.75 Q and then
level off afterwards. A similar trend occurs for the cases for the larger flow rates (1–1.25 Q), but the
TSPL increases very quickly. For example, the 1.25 Q case produces much more noise in comparison
with 0.75 Q, even though they have the same off-design deviation. In general, the noise level deviates
about 50% in different directions as demonstrated by the deviation bar in Figure 9b. Nevertheless,
the TSPL is eventually saturated at ~70 dB with the increase/decrease of the flow rate.
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3.3.2. The Volute Radiation Noise

Similarly, the noise generated by the volute is further studied by defining the volute surface as
the source of sound. Figure 10a shows the TSPL pattern for the volute radiation noise. Interestingly,
the radiation field displays very different behavior in comparison with the blade noise discussed above.
The TSPL profiles exhibit an apparent asymmetric behavior and TSPL on the right hand side is much
larger than the one on the left. This may be explained by the fact that the volute tongue is the key noise
source and the non-uniform distance between the receivers and the tongue leads to the asymmetric
distribution. Figure 10b reveals a similar trend shown in Figure 9b. It is interesting to find that the
mean TSPL levels off in the range of 0.5–0.75 Q. With the increase/decrease of the flow rate vis-a-vis
the design value, the TSPL deviation increases and the maximum is about 50%. It should be noted that
the TSPL can reach ~87 dB, which informs us that the noise contribution by the volute is substantial.
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4. Conclusions

In terms of a single-stage singe-suction centrifugal pump, a 3D numerical model with the LES
closure is developed for elucidation and reliable prediction of the pertinent hydro/aero acoustic
behavior. In particular, the FW-H model was employed to predict the noise generation by the blades
as well as the volute. Comparisons of numerical predictions with the measured/analytical results
reveal that the model can yield good results on the noise and the flow field. The simulations further
show that the interaction of the blades with the volute induces high RMS pressure and further leads
to additional noise radiation. Moreover, the sources of noise generated by the blade surfaces and the
volute surface at different flow rates were studied. It is found that the profiles of TSPL of directivity
field for the impeller-generated noise demonstrate a typical dipole characteristic behavior, whereas
the ones for the volute-generated noise exhibit an apparent asymmetric behavior. In addition, within
the flow rate range studied, the design operation (1 Q) generates the smallest TSPL than off-design
operations. As the flow rates decrease from 1 Q to 0.25 Q, TSPL initially increases significantly before
0.75 Q and then levels off afterwards. A similar trend occurs for the cases in the larger flow rates
(1–1.25 Q). The TSPL deviates with the radiation directivity and the maximum is about 50%. It is also
found that TSPL by the volute and the blades can reach ~87 dB and ~70 dB at most, respectively.
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Cs Smagorinsky constant
∆ Size of the grid filter
p’ Far-field acoustic pressure
a0 Speed of sound
ρ0 Reference density of fluid
δ(f ) Dirac delta function
H(f ) Heaviside function
Pref Reference sound pressure
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K Step number in a rotational period
n Rotational speed
P(t) Transient static pressure
P Time-averaged static pressure
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